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ABSTRACT

Vapour Compression Refrnigerator (VCR), consists of four major
components- evaporator, condenser, compressor and expansion device, -
which are connected in a cycle. VCR is commonly used in a wide range of
commercial and industrial refrigeration applications and represents a
substantial fraction of the installed refrigeration systems. As a result special
attention has been focused on this system by many researchers.

The goals of the researchers were to simulate the actual working of a
vapour compression system with Carnot model as the benchmark, The task
of getting the performance of Carnot model has proved difficult. Hence most
researchers end-up in modeling performance of heat exchangers or a single
component of the system. Though there are models for predicting the
approximate performance of VCR, none of such models discussed -the
"balanced point” between the four major components. This study was carried
out to investigate the effects of balanced point on the system performance.

In order to get the balanced point, the performance characteristics of
gach of the components were modelled in such a way that each of them
depends on temperature only. These equations were used to develop a
computer programme for refrigeration cycle. The model was then used to
generate performance data, which compare very well with theoretical values.

In order to validate the model, the generated data was used to design
and construct a VCR that was tested and evaluated. Two experimental ngs
were constructed for the tests. Rig “a” was that constructed using generated
data from the design model, whilst Rig "b" was constructed from bought out
components, The investigations were carried out under the same conditions.
Effects of system performance based on operational parameters such as:
compressor  speed, refrigerant charge, condenser and evaporator
temperatures and others, have been experimentally ewvaluated and the
results compared.



Present analysis and experimental investigations have shown that the
model results are comparable to the experimental ones. The results obtained
from rig a agreed well with those of the model, although there were some
dewviations, The deviations of the model results from those obtained in
expenments are within the ranges of 16 % to 19 % for rig "a” and 28 % to
34 % for rig "b” respectively.

vii
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NOTATIONS

A Surface or cross sectional area (m?)
ACR Alr-conditioning and Refrigeration
C Heat capacity (k]/kg.K)
C Capacitance rate (kW/kg.K)
CBL Chlgrine-bromine loading
CFC Chlorefluorocarbon
COP Coefficient of Performance
i Diameter (m)
BT Degree of Subcooling or Superheating (K)
f Friction factor
fin Ratio of effective capacitance products
G Mass flux (kg/m*)
GHG Green house gas
GWP Global warming potential
Gz Graetz Number
h Conveclive heal transfer coefficient (W,fm‘?k{j, {enthalpy {3/kg)}
HCF Hydrogen- carbon flucride
HCFC Hydrogen-chloro-fluora-carbon
HFC Hydrogen-fluora-carbon
k Thermal Conductivity (W/m.K}
Length (m)
M Mass rate of flow (ka/s)
M Mach number
n Efficiency (%)
MNu Musselt Number
M, Nusselt Number based on Arithmetic Mean
P Pressure (N/m®) (or Power (W)
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Czone depletion potential
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Total equivalent warming impact
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Greek Symbols
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Heat exchanger effectiveness
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Constant thermal inventory {W/K)
Dynamic viscosity (Pa.s)
Humid volume (kg/m™)
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Optimization factor
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CHAPTER ONE
1.0 INTRODUCTION
[ LA TR I RTITITL
The most widely used cycle in the held of relngeration and air -
conditioning 15 the wvapour-compression cycle. In this cycle, vapour 15
compressed then condensed to liquid following which the pressure is
dropped so that fluld can evaporate at a low pressure. This cycle is
performed by four major components, namely: - compressor, condenser,
evaporator and expansion device. Each of these components has its own
peculiar behaviour maore so each of the components s influenced by
conditions Imposed by the other members of the quartet. The Influence of
one component on the gther results in changes in the thermal properties of
the working fluid. In the study of refrigeration processes, therefore, the
application of thermodynamics and heat transfer is essential
The fields of refrigeration and air conditioning are interconnected but
each has its own peculiar distinction. The largest application of refrigeration
s for air conditioning. Refrigeration embraces industrial refrigeration
including the processing and preservation of food, removing heat from
substances in chemical, petraleum and petrol-chemical plants and domestic,
special applications such as those in the manufacturing and construction

industries,



1.2 Concepts of Models

Thermodynamics and heat transfer have developed from a general
set of concepts, based on observations of the physical world, specific models
and laws necessary to solve problems and to design systems. As the
physical world is extremely complex, it is virtually impossible to describe it
precisely. Even, if it were possible, such detailed descriptions would be much
too cumbersome for engineering purposes. One of the most 5-igr1||’i-=:anl_
accomplishments of engineering sclence has been the development of
models of physical phenomena, which although they may be
approximations, provide both a sufficiently accurate description, and a
tractable means of salution.

These models are of little value unless they can be expressed In
appropriate  mathematical terms (Stocker and Jones, 1982). The
mathematical expression of a model provides the basic equations or laws,
which allow engineering science to explain or predict natural phenomeana.

Models have been developed for the design and evaluation of
refrigeration components (compressor, condenser, evaporator, and
expansion devices), [Glocker at af, 1998; lanssen et &/, 1988; Aluares and
Trepp 1987; Spaushas, 1987b, Melo et a/ 1988]. In as much as these
components are connected in a closed loop in the vapour compression
refrigeration cycle, there 15 the need to get a "compromise point” (or
"balanced point") between these compeonents before they can work together
effectively. There is no available information about this balanced paoint

except that of Stocker and Jones (1982); which is even for single unit

P2



refrigeration system. This work therefore developed a model, which can be
applied for the design and optimization of vapour compression refrigeration
systems, This is made possible by using mathematical models, with the aid -
of computer program to generate balanced points for vapour compression
systems when subjected to different operational conditions. A wvapour
compression refrigeration system was then fabricated based on the
computer-generated data, and was used to validate the model developed.
This enabled the comparative analysis of the available data, generated data

and the experimental results,

1.3 Objectives of the Research Project
The objectives of the research are to:

{i) develop a mathematical model for wvapour compression
refrigeration systems and laboratory scale vapour compression
refrigeration units;

(ii) evaluate the performance of the wvapour compression
refrigeration system,

(il investigate the effect of "balanced point” on the system
performance

{iv) compare the model with existing models.



1.4 Methodology
The project
The project consists of the development of a mathematical model to be
used In the design of vapour compression refrigeration systems, The
development of the mathematical model involves the following features:
(i3 Modelling of condensing unit
(i)  Modelling of capillary tube.
(i} Modeiling of a complete system

{iv) Fabrication of various components and testing



CHAPTER TWO

2.0 LITERATURE REVIEW
2.1 General Views

Vapour compression refrigerators are commonly used for
commercial and industrial refrigeration applications. They represent a
substantial fraction of all installed refrigeration systems. The system
consists essentially of: - an evaporator, a compressor, 8 condenser and
an expansion device. All the components are connected in a closed loop.

The development of refrigeration model, which simulates the
actual working of a vapour compression system, has been the goal of
many researchers (Klein, 1994; Gordon et al 1996; Stoecker and Jones,
1982; Kuehn and Liang, 1991). The simplest model is the Carnot model,
which represents an ideal refrigeration cycle without any irreversible
losses (Jung et al, 1999). The Carnot model was considered in many
designs to be a deslgn goal for actual systems. 1t should be noted that
the finite - time thermodynamic model accounts for Irreversibility
existing due to the finite temperature difference in the heat exchangers
as well as the losses due to non - isentropic compression and expansion
in the compressor and expansion device of the systermn respectively. The
thermodynamic model can therefore be modified by including the heat
leaks to- and from- the system. The model using the actual refrigeration
properties can l:re reduced to an ideal refrigeration cycle model by
eliminating irreversible losses In the heat exchangers and compressor of

the system,



Many researchers have focused their attentions on the elimination
of the irreversible losses in the heat exchangers and compressors. Klein
(1994), published model and data on design consideration for
refrigeration cycles. His arguments were based on the work of Stﬂe_cker
and Jones (1982), which does not include any information about pressure
drop In the capillary tube or control devices. Gordon et al (1996)
presented a model based on the experimental study of the fundamental
properties of the reciprocating chillers and their relations to the
thermodynamic modelling and chiller design. Their model seams to be
popular except for the fact that friction and fouling effects were
suppressed in the modelling. Janssen et al (1988), reviewed five
published models and made comparison among these models. They then
presented another model for small refrigerating systems based on
theoretical and experimental investigations. Their results, both
theoretical and experimental, agreed well, But the model concentrated on
heat exchangers alone. The mode! was based on the conservation
equations of mass, momentum and energy. It described the transient
response of the fluid inside the heat exchangers. They also assumed a
one-dimensional flow, without pressure loss, gravity effects or axial
conduction (l.e. high Peclet number). They neglected the kinetic energy
of the fluid and viscous dissipation. Their work was improved upon by Chi
et al (1999), in whose model an expression was derived for the friction
factor. In their study a total of 12 fin—and-tube heat exchangers having

slit geometry were tested, Based on their work and some previous



investigations, a general correlation was proposed to describe the airside
performance of the slit fin configuration. The mean deviations of the
proposed heat transfer and friction correlation were 5.5 and 3.8%
respectively as compared with the work of Mahayana and Xu (1983).
Jameel et al (1999) reported a model for desian and performance
evaluation of reciprocating refrigeration system. From the experimental
investigations of their model, the characteristic performance curves of

vapour compressian refrigeration systems were defined as a plot between

I
the inverse Coefficient of Performance {“'Ef'] and inverse of system
{

capacity {L}. The curves were found to be linear and this linear

e B

relation between E= and is explained in the light of varigus

tar (8

L evp
losses in the system. These losses include: irreversibility due to -finite
rate of heat transfer in the heat exchanger, non-isentropic compression
and expansion in the compressar and expansion valve of the system. The
model was used to study the performance of a variable speed
refrigeration system in which the evaporator capacity is varied by
changing the mass flow rate of the refnigerant while keeping the inlet
chilled water temperature constant.

Most of the available models are majorly on either heat
exchangers or a single component of the system,. There is none of such
models that discus the balancing points between the four major

components (condenser, evaporator, compressor and the expansion



devices) except Stoecker and Jones (1982). This study is carried out to
Investigate the effect of balanced points on the system design

performance.

2.2 Heat Exchangers:

There are three main types of heat exchangers, These are: paraliel
flow; counter (or cross) flow and mixed flow heat exchangars. What is of
paramount importance in refrigeration and air canditioning practice is the
type of fin{s) used in the design of heat exchangers. The enhanced fin
patterns commonly used for refrigeration and air conditioning
applications include: wavy, louver, convex - louver, and shit fins.

One of the popular enhanced fin geometries 15 the wavy fin. It has
long been used in fin-tube heat exchangers because of the superior heat
transfer characteristics. There are two basic variants of the basic wavy fin
geometry, They may have a smooth wave configuration or they may
have a herringbone wave configuration. The herringbone wave has flat
sides.

Goldstein and Sparrow (1976) used a mass Lransfer technigque to
measure local and average mass transfer coefficients on a fin-tube mlm:lel
having the herringbone wave configuration. Their test simulated a one-
row geometry having 606 fins/m on an 8.53 mm diameter tubes. The
reports showed that at Reynolds number (based on fin spacing) of 1000,
the average mass transfer coefficients were 45 % higher than a flat fin

design of the same basic geometry. They concluded that the



enhancement results from Goetler vortices that form as the flow passes
over the surfaces, The presence of the Goetler vortices was confirmed by
the wvisualization sludy by All and Kamadbiyam (19923 10 2 corrugated
channel. A corrugated channel is known to enhance the heat transfer by
stream-wise vortices formed from the concave wave surface as well as by
space-wise eddies shed from the peaks of corrugated facets (Kim et al
1999). Particularly at low Reynolds number, space wise vortices are
important to heat transfer enhancement. In a narrow inter fin spacing,
space wise vortices may not form as was shown by All and Ramadhyani
(1992), They claimed that, in a narrow channel vorticity generated at the
channel walls is convected and diffused sufficiently rapidly to preclude
the formation of a concentrated rall-up vortex. This explains the j-factor
over prediction for cores 11 and 12 at low Reynolds number. A
correlation was then developed using both sets of data.

Beecher and Fagan {1987) published heat transfer data for twenty
three-row plate fin-and-tube geometries. Their cores had staggered tube
layout. The tests were conducted using a model consisting of a palr of
brass plates that were machined to form the fin-channel geometry. The
tubes were simulated by cylindrical cross sectional spacers inserted
between the plates. The fins were electrically heated and thermocouples

were embedded in the plates to determine the plate surface temperature.

[
The Nusselt number (Nu) data were presented as { Mz = h“Th ) versus the

Gz {=Graetz number} the Nu, was based on the arithmetic ‘mean

temperature difference (AMTD) rather than on the log mean temperature

i



difference (LMTD). Beecher and Fagan (1987) did not provide pressure
drop data. Webb (1990) developed multiple regression correlations based
on the Beecher and Fagan data. His correlating equations contain Nu,
and Gz,

Wang et al (1995) published experimental data on eghteen wavy
fin configurations. They utilized both staggered and in-line tubes with one
to four rows. In their work pressure drop data were also presented. They
built sample cores and used the same to perform experiments in a forced
draft wind tunnel. Heat was supplied to the heat exchanger coll by
circulating hot water, They presented the heat transfer data in the form
of "j-factor” versus Rep. Additional pressure drop data on the herningbone
wave fin geometry were available from Beecher (1968). His cores had
three different fin pattern depths for a fixed fin pattern length of x (=
4.58 mm).

One of the available correlations for the herringbone wavy fin
configurations is that of Webb (1990), His correlations were based on the
Beecher and Fagan (1987) data, which is limited to three-row ci;rres.
Webb's correlation is given in the form of Nu, and Gz, which is not as
popular as "{-factor” and Rep.

Mirth and Ramadhyani (1994) tested five cores with different types
of wavy fins, Three cores have smooth wavy-fin on 13.2 mm diameter
tubes and a tube pitch (F;) of 31.8 mm. The other two cores did not

have a continuous wavy fins instead, the fins had a relatively large pitch

1



between each pair of waves, with Py of 38.1 mm. They make use of
Beecher (1968) method to develop a correlation from their pwn data.

Kim et af (1997} published data, which deals with heat exchanger
having plate fins of herringbone wave configuration. In their work,
correlations were developed to predict the airside heat transfer coefficient
and friction factor as a function of flow conditions and geometric
variables of the heat exchanger. Correlations were also provided for both
staggered and in-line arrays of circular tube. A multiple regression
technique was used to correlate 41 wavy fin geometries based on
Beecher and Fagan (1987), Wang et al (199%) and Beecher (1968)
works. For the staggered layout, 92% of the heat transfer data were
correlated within +10% and 91% of the friction data are correlated within
+15%.

The airside performance of fin-and-tube heat axchangers having
slit geometry Is experimentally investigated by Wang et &/ (19929). In
their Work a total of 12 fin-and-tube heat exchangers having slit
geometry were tested, The edges of the test samples were fixed with
sheet metal which was insulated by a 5-mm thick rubber. The effective
width (fin area) of the test samples is equal to the width of the test
section, and the connection hair-pins are also wrapped with 5 mm thick
rubber to minimize the heat |loss to ambient air, During the experiment,
initial friction loss for airflow without mounting samples was recorded and
then subtracted from the total pressure drops to account for the actual

pressure drop of the test samples, [n thelr work, the effects of fin pitch

8



and the number of tube row were examined. Their results were compared
with test result of louver fin, and plain fin taken from some previous
investigations, Their test result ndicated that, the heat transfer
performance increase with decrease of fin pitch for N = 1 (N = Number of
longitudinal tube rows.). However, for N >_4, the effect of fin pitch on the
heat transfer performance 15 reversed, In addition to the effect of fin
pitch the heat transfer performance decreases with increase of the
number of tube row and the friction factor are relatively independent of
the number of tube rows. Based on their result and those from previous
Investigations, a general correlation was proposed to describe the airside
performance of the slit fin configuration the mean deviation of the
proposed heat transfer and friction are 5.5 and 3.3 % respectively.
Systematic studies of continuous fin-and-tube heat exchangers
under dehumidifying conditions were reported by Wang et af (1997). The
tested fin-and-tube heat exchangers were tension wrapped having a "L"
type fin collar. The test conditions were approximate to those
encountered with typical fan-coils and ewvaporators of air-conditioning
applications. The test rig consists of a closed - loop wind tunnel in which
air is circulated by a variable speed centrifugal fan. The air duct IS made
of galvanized sheet and has an 850 mm x 550 mm cross-section. The
dry-bulb and wet-bulb temperatures of the inlet air are controlled by an
air = ventilator that can provide a cooling capacity up to 21.12 kW {or 6
TR). The air flow-rate measurement station is an outlet chamber set up

with multiple nozzles based on ASHRAE standard (1998). A differential



ﬁrﬁiure transducer was used to measure the pressure difference écrnss
the pozzles while the air temperature at the inlet and exit zones across
the sample heat exchangers were measured by two psychometric boxes,
The working medium on the tube side is cold water, A thermostatically
cantrolled reservoir provided the cold water at s=lected temperatures
The temperature differences on the water side are measured by two pre-
calibrated RTDs, The water volumetric flow rate was measured by a
magnetic flow meter with a £ 0.001 L/s precision. All the temperature
measuring probes were resistance temperature devices (P 100), with a
calibrated accuracy of £ 0.05 °C.

The heat exchangers used consist of nine fin-and-tube having
plane fins. The effects of fin spacing, the number of tube row and inlet
conditions were investigated. Data were presentea in terms of j-factors
and friction factors (f). It was concluded that the inconsistencies in the
gpen literature may be associated with the wet fin efficiency. A
correlation was then proposed for the plate fin configurations, These
correlations can describe 92 % of ) and 91 % of the f data within £.10 %
as compared with the experimental data,

Both condenser and evaporator were treated together as heat
exchanger, except some very few authors that treated them separately
under some special conditions.

Jia et al (1999) presented distributed model to describe both
steady and dynamic behaviours of dry - expansion evaporators. The

experimental work was carried out on a full-scale refrigeration system



with R-134a as the working fluid and without frost formation at the
evaporator, Comparison between the modeling and experimental
measurements showed that the dnft fluxes flow model gives sausf;f:cmw
predictions. The simulation results indicated that @i even air temperature
distribution of the evaporator might be obtained by controlling lguid diy-
Qut point at the two ends of evaporator coil, The study also indicated
that, the counter flow configuration provides a higher heat exchanger
efficiency with a slower transient response compared with the
concurrent-flow (or parallel flow) configuration.

The heat transfer and pressure drop perforimance of three tubes
with many small inner-fins, called micre-fin tubes, having 9.5 mm
gutside diameter and 8.9 mm maximum nside diameater werg reported
by Schlager et al {1990) using R-22 as the working fluid. The test
apparatus had a straight horizontal test section with a length of 3.679 m
and was heated or cooled by water circulated in a surrounding annulus.
Nominal evaparation conditions were 0.°C to 5 °C (0.5 to 0.6 MPa) with
inlet and outlet qualities of 10 % and 90% respectively. Condensation
conditions were 39 °C to 42 °C (1.5 to 1.6 MPa) with infet and outlet
qualities of 90 % and 10 % respectively, Mass flux was varied from 150
to 500 kgm™ s. The micro-fin tubes were generally found to have an
enhancement of heat transfer ranging from 50 to 100 % when compared
to an eqguivalent smooth heat exchangers. The maximum increase in
pressure drop was only 40 %, A model for estimation of pressure drop

was then proposed for R22 only.



2.3 Expansion Devices

The last of the basic elements in the vapour compression cycle,
after compressor condenser and evaporator, is the expansion device.
This serves the following purposes: to reduce the pressure of liquid
refrigerant and to regulate the flow of refrigerant to the evaporator. The
most comman examples of expansion devices are capillary tube and
super heat controlled expansion valves. Other examples include, float
valve and constant pressure expansion valve.

Liquid refrigerant enters the expansion device and as it flows
through, the pressure drops because of friction and acceleration of the
refrigerant, as a result some refrigerants flash into vapour. The
compressor and the expansion device must search for a common suction
pressure, which allows them to pass equal mass rates of flow. The
balancing point for the two must be located on standard chart or
determined by calculation, Caplllary tube will be employed in this madet
and design,

The main function of capillary tube expansion device is to maintain
the minimum possible pressure in the condenser at which all the
refrigerant can condense without choke flow (Stoecker and Jones, 1982).

The capillary tube, although physically simple, I behavigrally
complex. Some Items of complex mathematical analysis include the
friction factor for tlhe two phase flow, the thermal contact with the

suction line, the metastable flow, the oil circulation with the refrigerant to



mention a few, Many researchers have investigated the flow through a
capillary tube and a review on the subject can be found In the works of
Melo et af, (988); Schultz, (1985); Stoecker and Jones, (1982); and Jung
el al {1999),

Melo ef al, (1988) reported a simplified capillary tube model, which
takes into account some of the factors that influence the flow rate of
refrigerant along the tube. They argued that if all the factors have to be
considered an enarmous CPU time would be reguired. They therémre,
decided to develop a first stage model based on some assumptions.

Jung et al (1999) reported a model of pressure drop though a
capillary tube in an attempt to predict the size of capillary tubes used in
residential air conditioners and also to provide simple correlating
equations for practicing engineers. In their work, Stoecker’s basic model
was modified with consideration of various effects due to subcooling, area
contraction, and different eguations for viscosity and friction factor, and
finally mixture effect.

The model was validated with experimental data for CFC-12, HFC-
134a, HCFC-22 and Its alternatives viz; HFC-134a, R-407c. Performance
data were generated for HCF-22 and its alternatives viz; HFC-134a, R-
407c and R-410a under the following conditions: condensing
temperature; 40 °C, 45 °C, 50 "C, 55 °C, subcooling; 0 °C, 2.5 °C, 5° C,
capillary tube diameter of; 1.2 to 2.4 mm, mass flow rate; 5-50 gfs.
These data proved that the capillary tube length vanes uniformiy with the

changes in condensing temperature and subcooling, A regression analysis
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was parformed to determine the dependence of mass flow rate on the
kength and diameter of capillary tube’ condensing, temperature and
subcooling, As obtained for two pure and two mixed refrigerants
examined in their work the simple practical equations developed, coupled
with McAdam’s eguation for the two-phase viscosity and Stoecker's
equation of the friction factor, yielded a mean deviation of 2.4% for 1488

data.

2.4 Refrigerants

Over the years so many different substances have been used as
refrigerants. A considerable number of practical experiences exist
regarding the properties which are important to the production of
reliable, safe and cost effective installations under varying conditions of
applications. These properties are classified into two broad groups:

- Thermodynamic and transport properties, basic to the engingering
design of the plant, its operational performance and energy
econamy.

- (Chemical and physiological properties, deciding the choice of
construction materials and measures to ensure safety.

Although, there are other practical considerations to be
accommodated such as ease of leak detection, relation to oll and cost
price etc.

The relevant thermal properties (thermodynamic and transport) may

be specified in a large number of individual data. Examples of such listing



can be found in textbooks and journals (Stoecker and Jones, 1982;
Mclinden and Didion, 1988}, The essential criteria can be summarized in
three crucial points;

Wapour pressure level

- critical temperature

Molecular mass.
While the influence of chemical and physiological properties centers
around:

- Compatibility with machine building maternals

Effects on the external environment

- Poisonousness, suffocation and warming properties (e.g. smell)

- Inflammability and explosion hazard.

The latter two points define the safety measures which will be required.
There is no available detall on how the emissions of CFC are distributed
on the wvarious types of plant world wide except for USA, which was
believed to be responsible for about one-third of the total emission, But it
has been established that about 30 9% of potentially ozone de;ﬁletlnn
chemicals, are used as refrigerants (Statt, 1988; Kutter, 1988).

The much-cited Rowland and Molina publication of 1974 which
predicted a rapid breakdown of the ozone in the upper atmosphere Dy
the release of fully saturated Chloro-Fluoro-Carbon (CFC) compounds,
started an intensive and often emotional discussion world wide.
Environmental organization in many countries were pressurized Lo

restrict the use of such substances. As a result, extensive investigations
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and modelling of chemical reactions which are responsible for the czone
balance between (ts continuous creation and destruction have been
carried out (Segelstard, 1998; McMullan, 2002; Foerg, 2002 and Calm,
2002). These efforts agreed that most of the previous results, greatly
exaggerate the risk and predict @ much maore modest rate of possible
breakdown. These brought about the Mentreal Protocol of September
1987, which fixes a requirement of a 20 % reduction for the important
CFC refrigeration except R-22 as from 1- July, 1993, 50% from 1998
while some countries are planning for an even more rapid reduction
(Lorentzen, 1988a and b).

These lead to the search for alternatives to R-11 and R-12. Many
of the apparent alternatives have to be eliminated, for reasons of their
incompatibllity with  thermeodynamic, transport, chemical and
physiological properties. R-134a, R-22, R-124, R-142b and R-152a are
close alternatives to R-12, while R-123 and R-141b are close alternatives
to R-11. The most important problem Is the Immiscibility of thesa
altermatives with naphthenic and paraffinic olls now In use. Extensive
work is being done to identify new oil for R-134a (Kutter, 1988; Foerg,
2002). Also studles have shown that the refrigerant critical temperature,
vapour and heat capacity are the key thermodynamic criteria in
determining the performance of the theoretical vapour compression
cycle. For a fixed set of condenser and evaporator temperaturas, as the
critical temperature-is increased the volumetric heating or refrigerating

capacity (defined as the capacity per unit volume of refrigerant vapour
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entering the compressor) decreases (Mclinden and Didion, 1988), This
invariably affect the COP. This points out the fundamental trade off
between high capacity and high efficlency one must face in choosing
refrigerant alternatives. In order to have a similar capacity, efficiency
and operating pressure, a replacement refrigerant will need to have a
similar boiling point temperature. In this search for the fully halogenated
CFC refrigerants, thousands of compounds have been investigated
(Lorentzen, 1988b). It has been demonstrated both by theoretical and
empirical reasoning that this same class of compound - the
chiorofluorocarbons — remains the clear choice by wvirtue of their stability,
excellent thermodynamic, health and safety characteristics and familiarity
to both manufacturers and users {(Calm, 2002). However, some of the
presently used CFCs are no longer acceptable because of environmeantal
considerations. Out of the most promising replacements which are
receiving much attention are R-22, R-134, R-134a, R-152 and R-152a,
Only R-134, R-134a, R-152, and R-152a are hydrogen - containing and
non-flammable, but their toxicity testing is incomplete but promising

(Shankiand et af, 1988; Foerg, 2002).

2.5 Emission and Environmental Impact

The primary global environmental |mpacts from air-
conditioning and refrigeration (ACR) systems anse from emussions of
refrigerants and of gases assoclated wilhh ennigy use. These gases ain

usually released at the power plants that provide the electricity, steam or



hot water used in manufacturing, transportation, installation, operation,
services and ultimately to dispose of the equipment and ancillary devices.
Of the total, the most significant impacts stem from the release of
refrigerants and of combustion emissions to prowvide operating power.
Specifically, discharge or leakage of stable refrigerants containing
chloring, bromine and other halogens, though generally negligible, affects
the stratospheric ozone equilibrium. Likewise, both the common
refrigerants and the combustion products, notably carbon dioxide (CO;)
and to a lesser extent nitrous oxide (N:0.), act as green house gases
(GHGs). The release of refrigerants have multiple effects, variously
Including ozone depletion following breakdown, direct action as GHGs,
and efficiency reduction leading to increased energy use. The
performance reductions occur with departures from the pptimal charge
or-for refrigerant blends- charge and composition. Hence, the critical
issues in addressing stratospheric ozone depletion and climatic changes
for ACR systems come down to selection of refrigerants that minimize
impacts, reducing their release and Increasing net efficiencies to lower
energy-related GHG emissions.

The severe consequences of ozone depletion are being
averted through international adherence to the Montreal Protocol, The
levals of chlorine and bromine reaching the stratosphere, referred to as
chlorine-bromine loading {CBL) have peaked or are now peaking, and the
ozone |layer has begun or soon will start to recover (Calm, 2002). The

outlook for global warming and the severity of its consequences are far



more threatening. Even If releases stopped for all other GHGs, carbon
dicxide ermissions from energy use still would increase in concert with
foreseen economic improvement In developing countries and with
population growth (Ko et af, 1993). Whereas the net carbon dioxide
impact overshadows the combined effects of all other GHGs, reduction in
energy demands and efficiency improvement are crucial. As a mimimum,
no changes that decrease efficiency can be deemed acceptable.

The functional measuras for the Montreal and Kyoto Protocols
(beyond thoase addressing scientific assessments and international
assistance) differ. The Montreal Protocol restricts the production of the
individual chemicals of concern, leading to their ultimate phase-out for
most uses, The Kyoto Protocol imposes national limits on em|55|{:|-n5 of
important GHGs, but does so by a collective approach encompassing six
specific gases or groups of gases. The moest critical gas among them is
C0;. Although they have a much lower impact, namely 1.4% of the total
for USA at present (McMullan, 2002). HFCs and PFCs (Perfluorocarbon)
as groups constitute two of the six GHGs in the Kyoto Protocol. Some
analysis project that their impact will reach 4 - 10 % of the global total
by the year 2100 and double that if not controlled {Ko et al, 1993,

The measure to reduce refrigerant releases are therefore not
limited to CFCs, HFCS, HCFCs and PFCs. Many of them also are applicable
to ammaonia, carbon dioxide, hydrocarbons, and other nenfluoracarbon
refrigerants (Adegoke, 2002). Their release could increase flammability

or toxicity hazards, nsk pressure injuries, degrade system reliability, or



exacerbate other environmental problems. For instance, hydrocarbon
emissions may contribute to local smog formatian; such releases will be
concentrated in urban areas in which smog problems are most acute,
Released ammonia that is washed into the surface water by rain is highly
toxic to aguatic life, and most importantly, loss of refrigerant from
vapour-compression machines, or air leaks into sub-atmospheric
equipment reduces operating efficiency and thereby increases energy use
and GHG emissions.

It has been pointed out that, the direct effects of refrigerant
emissions amounts to only 3 - 5 % of the annual total for chillers using
R-22, which is one of the refrigerants with highest Global Warming
Potential (GWP) (Calm, 2002). Therefore from comparative warming and
or total equivalent warming impact (TEWI) perspective, the phasing out
of the HCFCs and HFCs provides only a small gain in the refrigerants
related warming component.

Calm and Didion (1998) presented a detailled analysis that showed
that there were no known ideal refrigerants. According to this report such
fluids would offer zero ozone depletion, zero global warming, high
efficiency, very low toxiclty, no flammability and high chemical and
thermal stability. The reference also provides a rationale based on
thermodynamics and chemical composition to suggest that the elusive
ideal refrigerant probably does not exist.

The first gerferation refrigerants (1830s to 1930) were retired for

safety reasons, (Sand et al, 1997). They were selected based on



equivalent GHG emissions versus less than a 0.001% increase in peak
ozone impact,

It 15 highly probable that R-123 {(an HCFC) and possibly other
short-lived CFC replacements would have survived restrictions for
stratospheric ozone protection had the global warming response occurred
first. With keener awareness of the more-limited options remaining, the
framers of the Montreal Protocol might then have been more cautious in
rejecting chemicals with indiscernible ozone impacts and offsetting
environmental benefits,

Likewise, phaseout of HFCs from the refrigeration industrial use for
very small benefits in direct {refrigerant-related)} warming impacts at the
expense of greater CO; and N:0D emissions will increase rather than
decrease net warming.

The key distinction that makes most ACR applications and
especially chillers unique from other HCFC, HFC and PFC uses is that the
refrigerant is used in closed systems with very low life-cycle release
rates. Most of the refrigerant can be and is being recovered upon
ultimate equipment retirement. A second difference, at least for R-123
and HFCs, is that abandoning these proven options would mcrea;se the
GHG emissions from associated energy use.

Therefore, the importance of a refrigerant's ODP or GWP
diminishes with very low loses. For refrigerants with low ODP and low
GWP, the most damaging environmental effects from refrigerant losses is

suboptimal operation resulting in increased energy use and, thereby



availability and thermal suitability. Some, such as ammonia and
hydrocarbons, survived or were later revived for limited applications in
which their risks were manageabie, such as industrial or small-charge
systems. Most secaond generation refrnigerants {1930s to 1990s) have
been or are being retired to protect the stratospheric czone layer, They
were selected for safety, durability and performance. The criteria for third
generation refrigerants ("Alternative refrigerants”} include both safety
and environmental Issues. Whereas the first generation lasted
approximately 100 years and the second generation lasted approximately
60 years, care is needed in dismissing options with minor defects if
manageable. According to Calm, (2002) the third generation will be more
vulnerable as the global population increases, industrial and ecanomic
development expands and environmental understanding increases. These
considerations demand greater attention to atmospherc lifetime to
ensure that the error made with CFCs and halons, namely releasing large
guantities of long-lived compounds before discoverning their impacts,
were not repeated. Likewise, more attention is required for containment
and recycling instead of phasing out,

According to Calm et al, (1999}, there is no comman denomination
to equate the demerits of ozone depletion and global warming, It is clear
however that a 13-19% Increase in global warming to switch from R-123
to R-134a, at the best performance levels, is mare significant than a
0.002% or lower peak impact on ﬁmne depletion, This comparison is

more dramatic for newer data, namely increases of 14 - 20 % carbon



Increased emission of CO; and other GHGs to power the system.
Suboptimal efficiency thus exacerbates climate change even with zero-
GWP refrigerants. Any refrigerant substitution that lowers owverall
efficiency 15 likely to have more adverse impacts than benefits bas_ed an

net global warming impacts (e.qg., life-cycle GHG emission ar TEWI),

2.6 Model.

The common procedure In most of the compressor and/or
refrigerator manufacturing companies In establishing dynamuc behaviour
of a vapour compression refrigerator is to perform experimental test to
ascertain the refrigerator's perfarmance as a function of time. This
normally requires a long period of time. Qne way to speed up such
procedure is to employ computational technigues to numerically simulate
the refrigerator performance.

Since the dynamic modelling of the refrigerator requires each

element of the refrigeration system to be considered in depth, the model
allows nat only the simulation of the experimental tests but also helps to
develop a deep understanding of the fundamental processes occurring,
Most of the models, published in the open literature are directed
towards heat pump simulation and only wvery few of tham are
experimentally validated (Melo et &/, 1988). The model, now considered
in this study, is limited to the reclprocating compressor, condenser,
accumulator, capillary tube and evaporator system. This model Eﬂn;binEﬁ
many of the features presented in earller models while modifying and

introducing several fealtures,



CHAPTER THREE

3.0 BASIC THEORY AND MODEL DEVELOPMENT

This section describes basic theory required in the model

development and the development of the model itself.

3.1 Theory and Modelling
3.1.1 System Modelling:

The development of refrigeration system models, which simulates
the actual working of vapour compressing cycle system components -viz,
compressar, condenser, evaporator and the expansion device has been
the goal of many researchers (Klein, 1994; Gorden &f af, 1996, Stoecker
and Jones, 1982, Kuehn and Liang, 1991). The simplest model is the
Carnot model which, represents an ideal refrigeration cycie without any
irreversible losses. The Carnot cycle 15 one whose efficiency cannot be
exceeded when operating between two given temperatures, It consists of
reversible processes which make its efficiency higher than could be
achieved in an actual cycle. This cycle is very important for two reasons:

(i} it serves as a standard of comparison;
(i) it provides a convenient guide to the temperature that should
be maintained to achieve maximum effectiveness;
The Carnot cycle is considered to be a design goal for actual systems.
For the reasons pf reversibility processes in Carnot cycle- the

thermodynamic model must account for irreversibilities existing due to



the finite - temperature difference, in the heat exchangers [evaporator-
isothermal addition; condenser - |sothermal rejaction of heat] as well as
the losses due to non-isentropic compression and expansion in the
compressor and expansion device of the system respectively. This can be
accomplished by using actual refrigeration state properties.

Equations of state were developed which were temperature and
pressure dependent for each of the components. In as much as these
componants cannct work in isolation, computer programs were written to
compute “balanced points™ for the components, which of cause, is the
design point, In order to get those balanced points, the performance
characteristics of each of the components were modeled in such a way
that each of them depends on temperature only. The intersection of
corresponding curves indicates the condition at which the performance
characteristics of the components are safisfied; It is at this point that the
system composed of these components will operate effectively.

Khan and Zubair, (1999) presented performance data for the
components of a vapour-compression refrigeration system. The data for
the refrigeration capacity (Q.) and the power reguirement (P) were

presentad as shown in eguations (3.1) and (3.2) respectively.
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The constants applicable to equations (3.1) and (3.2) were
determined by equation - fitting procedure into the catalogue data of a
specified compressor to develop a set of nine simultaneous equations to
find the values of ¢ and d (Stoecker and Jones, 1982). The numerical

values are given In Table 3.1.

Table 3.1 Numerical values for constants in eguations {(3.1) and (3.2).

Subscript Number | c d
1 137.402 .00618
[2 4.60437 -0.893228
3 0.061652 -0.01426
4 -1.118157 |-0.870024
5 - 0.001525 |-0.0063397
6 -0.0109119 | 0.633887 |
= -0.00040148 | 0.00023875
a —0.00026682 | -0.00014746
g 0.000003873 | 0.0000023876

The heat absorbed by the evaporator and the heat added by the
compressor must be rejected at the condenser. Therefare, the rate of
heat rejection required at the condenser (Q.) cannct be less than the
sum of the refrigeration capacity and the compressor power for a given
combination of evaporating and condensing temperatures. This is given
by equation (3.3). -

Q=0+ P (33)
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Condenser performance for an air-cooled condenser using refrigerant 22
5 given by eguation (3.4), (Khan and Zubair, 199%; Stoecker and Jones,
1982)

Qv = 9.39(T:-T,) (3.4)

3.1.2 Condensing Unit

Equation (3.1) is the model for vapour compression system
capacity while eguation (3.2} gives the required power and equation
{3.3) is the model for condenser performance. Fig. 3.1 shows the
nomenclature for condensing unit modelling, All these eguations are
based on condensing-, and evaporating- temperatures only, while
equation (3.4) Is based on the condensing and ambient temperatures.
The first thing to do in this analysis is to combine the components, In
erder W el balanced point, (a balanced pomt s a point of agresment
between two components). A balanced point between the condenser and
the compressor forms a "condensing unit”. It is more comfortable to
combine condenser and compressor to form the condensing unit because
both of them work on the high-pressure side. The condensing unitl was
later combined with evaporator and finally with the capillary tube (the

gxpansion device) to form or model the complete system.
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Fig. 3.1 A Schematic Diagram of a Condensing Unit.

The balanced point between compressor and condenser {or the
condensing unit) is therefore a set of data (P, Q., Q., Tz Ti) at a given
"T," that simultaneously satisfy equations (3.1) to (3.4). This constitutes
a number of iterations and is as show in Fig (3.2), with the variation of T,
and T,. The program is as shown in Appendix I, while balancing points for

various condensing temperatures are shown in Fig, 3.3,

3.1.3 Complete System
The next step is to combine evaporator with condensing unit (Fig.

3.4). In this respect, a model representing the performance of an

avaporator is required,
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There are lots of models to this effect two af which are:

'r'._'r-: ="rll:f.-| _‘r‘lr |
crpecker and Jones {1982) itI _ 1+ 00461, - 1)) l[ (3.5)
o, =6l +0.0d6ll i W, -1

«han and Zubair (1999) ¢ _g20(r, =1} (3.6)

The result of Stoecker and Jones and Khan and Zubair are more

accurate compared with sheoretical system {ASHRAE, 2002). The Stocker

and Jones’ model was about 22.6 %o, while that aof Khan and Zubair was

about 25.30% below the vheoretical values. Data were gEﬂerated using

Stoecker and Jones model and equation of the form shown In equation

(3,7) was fixed.
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The constants "a to h” were determined by substituting values for
Q. and T; at canstant T,,.

Some of these constants were found to be too small and the
effects were neglected. The equation was reduced to a simple quadratic
equation (3.8)

Qe = aT#bT* + ¢ (3.8
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Fig. 3.4.A Schematic Diagram of a Complete Refrigeration System.



The performance was found to be 20.78 % below the theoretical
values. This result is as indicated in Fig. 3.5.
A balancing point between the condensing unit and equation {3.8)
forms a complete vapour compression system, The fiow chart for this
system i1s shown in Fig.3.6. The program is given in Appendix 11, while

the balancing points are shown in Fig. 3.7.
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J.1.4 Capillary Tube Model
3.1.4.1 Preamble

Fher il g b Lo Diend o sty ol veshoe g gl preessane
and the temperature from the condensing unit to the working pressure
and temperature of the evaporator since they work on different pressure
and temperature levels. This can be done through several means, for
example, capillary tube, expansion wvalve, EEV (Electronic Expansion
Vaive) etc. In this work capillary tube was used for the following FEEIS-;:II‘]SZ
i It is simple
ii It is not expensive
iii It requires low starting torgue for the compressor,

Capillary tube has one disadvantage of reducing cycle efficiency
when load condition changes abruptly, because the capillary tube does
not have any functional element to actively adjust to this sudden load
change. This situation was catered for by taking readings at steady state;
also several readings were taking and the average recorded.

From the literature, the model developed by Stoecker and Jones
(1982) and Jung et at (1999) are among the best capillary tube models
used i refrigeration systems. Actually, Jung et al's model was a
modification of Stoecker and Jones’ model. These two models were
reviewed with other avallable models (Fukuta et a/, 2002; Sahin and
Kodal, 2002; Chen et af, 2002; Kim et a/, 2002) to develop the model

presented in this worlk.
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These two basic models [Stoecker and Jones and Jung &f af]

ignored the influence of kinetic energy. However, If this effect is

neglected in the other sections of the system it may not actually be

neglected in the capillary model for the following reasons:

(i)

(i)

(i)

{iv)

As a result of smaller cross-sectional area there s a
considerable increase in refrigerant wvelocity through the
capillary.

The guality at the entrance is not the same as that at exit.
Hence there is a strong possibility of two-phase flow.

Flow in capillary (especially when the two phase flow sets in) is
purely turbulent (Hopkins, 1996)

IF the kinetic energy portion is neglected a shorter capillary
length will be required for sonic flow resulting in  high
evaporator temperature and hence a reduction in the system

capacity (Spauschas, 1987b).

Furthermore, both models still neglected the influence of pressure

drop and fouling factor. These three factors neglected by the available

models are hereby taken into consideration,

In a capillary tube however, there are two major dimensions that

have to be considered in the design. These are the length and the

internal diameter of the capillary tube. In most of the available

models cne of these dimensions is kept constant (mostly the internal

diameter) while the other is determined either theoretically or

experimentally. The diameter is usually kept constant because pipes
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or tubings are produced according to certain standard codes.

Determination of the capillary length therefore depends on the

following factors:

(i} Thermodynamic properties of the refrigerant

(H}  The condensing and evaporating temperatures.

(iiiy The condensing and evaporating pressures and

(iv) The mass flow rate
The limitation In the determination of the length of capillary tube 15 the
point at which the flow in the capillary becomes sanic {i.e, choked flow or
when the Mach number becomes unity), (Stoecker and Jones, 1982 and
Jung et al, 1999)., From ASHRAE handbook (2002), it could be
understood that for a given internal diameter the required length should

be at most that to obtain sonic flow.

3.1.4.2 The Modelling of the Capillary Tube
The fallowing assumptions were made:
(i) The mass flow rate (M) is constant,
(i) Adiabatic condition prevailed in the capillary tube, (Kim, et a/,
2002; Wijaya, 1992; Chang and Ro, 1996; ASHRAE handbook
(2002)).
Fig. 3.8 shows a representation of the capillary tube used fn‘r this

analysis.
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At steady state, the mass flow rate (m) is assumed to be constant

therefore the mass flow equation can be written as follows:

« VA 14
MEs—==—
¥ ¥
or
A LS 1.5
=1

A = cross sectional area (m*)

{3.9a}

(3.96)

(3.10})

Where; v is the humid volume (m'/kg) (= v at the entrance to the

capillary tube)

G is the mass flux (kg/(m’s)

Since an adiabatic condition Is assumed in the capillary tube, then

an energy equation can be written as follows, (Jung et al, 1999}

=

b ¥
SO0k, + —— = S00k. +—
4 A"

While the momentum equation can be written as:

4l

(3.11)
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il JI}-]{F, P)-f — |.41 (3.12a)
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=1 )= - 1) | (3.12b)
or

e wiy b s ShEGE ]

Gy, =¥, )= !u, 2) _,r—m v (3.120)

{vm is the average humid volume, as defined in equation (3.15})
J'_:)_F"‘M. (3.12d)

Equation (3.12) (modified from Stoecker and Jones, 1982) is therefore a
balancing of forces due to pressure difference and friction {rght hand
side) and acceleration (left hand side). From this equation (3.12), the
design length “L* of the capillary is to be calculated. This length strongly
depends on pressure wvariation, friction factor, flow wvelocity and humid
voluine.,

Though, the enthalpy remains constant as a result of continuous
flow of refrigerant (adiabatic situation) but there will be a progressive
decrease In pressure. This results in refrigerant becoming two phase and
hence the guality increases with capillary length. The humid volume and
the enthalpy of the two-phase fluid region were determined by equations
(3.13) and (3.14) respectively.

v (=2, (3.13)
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h={l-x)h, + i,

(3.14)

Since the velocity (V), friction factor (f) and specific volume (v) in

equation {3.12) changes as the refrigerant flows from point (1) to point

(2} (see Fig. 3.B) the mean values of these parameters are used in the

computation, This is as given in equations (3.15), (3.16) and (3.17)

respectivaly,

SR
fo =2
Wl

2

(3.15)

(3.16)

(3.17)

The factor left In the determination of "AL" from equation (3.12c)

is the friction factor (F). Hopkin (19%6) observed that the refrigerant flow

through a capillary tube is turbulent. He then obtained a relationship

between the friction factor and Reynolds number using Moody chart in

conjunction with Stoecker and Jones report. Hopkin's equation of friction

factor s as shown in equation (3.18).

1 g
v
where:
¥ b
Re=-=-
v
where: TE l (specific volume)
fa

(3.18)

(3.19)



Since the flow of refrigerant is in two phase, the following equation
can be used to determine dynamic viscosity coefficient {u), {Stoecker and
Jones, 1982).

p= A =x), v X0 (3.20)

To determine quality (x) equations (3.10), (3.13), (3.14) and
{3.20) are combined with eguation (3.11), these result In equation

(3:21).

|[|' + ¥ aXy ]:

2 W I
1000/, . + 1000k, ox, + G =L = 1000/, +—- (3.21)

Equation (3.21) Is solved for x; [x;, is assumed to be.zero-
saturated or subcoal liquid leaving the condenser] the quality at the state
paint {(2). For the purpose of the computer modelling the program will be
terminated at the point where the Mach number becomes unity. Hence,
for the dynamic states, the Mach number (M,) as expressed by Jung ef al

{1999) {equation 3.22) Is:

1 v dv, ™y
MF:J:.'- ri‘-.{l-r}—-w,; ﬁ: @ (3.22)
|. H:H "#-" 'q."-":”j.'. |
where:
[ RPN L
¢=I|+:;-M (3.23)
| M

Equation (3.22) was modified for steady state- condition; this is given in

equation (3.24).




The model also should account for pressure drop and this is

calculated from equation (25) (Jung et al, 1999).

ool T il T A T |
.'il:.u"’ =2 | = | $f | =—|
2p., |\£ ] I, o, )

Since P, v, h, and p are temperature dependent eguations (3.26)

f | +P_W (3.29)
L

to {3.32) were derived for R22. (Adopted from Stoecker and Jones,

1982).
= 1000 exp( 1 5.06 - (2418/ 1. )) (3.26)
v, = {0777+ 0.0020627, + 0.000016087, )/ 1000 (3.1;?,1
b= (—4.20 + 940507, / P)/ 1000 (3.28)
h, =200+ 1 1721, +0.00185477 (3.29)
ft, =405 5+ 036367, - 0.002273/ {3.30)
i, =00002367 - 171510 " 1. + 8 869X 10 "5 (3.31)
H, = 11L945X107 +50.06.X107° 1% +0.256.X10 7 (3.32)

The flow chart for capillary tube model is shown in Fig, 3.9, The
program for the modelling is shown in Appendix III. Appendix IV shows
the programs for the calculations of the lengths of the heat exchangers.
3.2 The Program

The computer program, (FRE = 2003}, was written using MATLAB
5.3. The program consists of intractable files, functions and subroutines.
It is compactable to windows and requires 1.07 GB of computer memaory.

Some of the output results are shown in Appendix V.
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INPUT, T1, T2, w. d, y=0, di =0

¥
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v

V.Re hf

VERGE
(State Parameters
for R}

4

v

——pJFor T2=T2-1, T1 STEP(-1)

v

[CALL VERGE |
Y

Calculate y
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Print- P, h, y,72, dI, L, V,
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ks

MEXT
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M
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Fig. 3.9 Flow Chart for Capillary Tube Model
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3.3 Theoretical Model Verification

3.3.1 Capillary Tube Testing

In the capillary tube analysis, the most important factor is the

friction factor (Jung et al, 1999). Many researchers have carried out

capillary tube modelling and used empirical or semi empirical values of

the friction factors to represent experimental data, some of these

exprassions are presanted in Table 3.2,

Table 3.2: Friction factor equations (Source: Jung et al, 1999},

S/N | Author Equation
1 Stoecker D33
Re” =l
2 Blausius 03
Re"*
1 Gl il | = W
4 Erth _ gy
i 1IIII.P[IH X |
e WL
5 SEI‘T'II :!'I E |" |-_|:_|'— ;I %
v A ———— J
[Refi-x)]" "L 24
& Pate et al _ 349
_Re'’
4 Hopkins 7= 0217
Re
8 Jung et al Pt 0.25
L — — _...R*_l":' =
g Present work (.25
e
[Reft - )] ©

In addition, Table 3.3 lists the widely used and cited two-phase viscosity.

With the equations in Tables 3.2 and 3.3, 18 combinations and
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calculations are made for these combinations under the same conditions
of, 40 °C condensing temperature, 0.01 kg/s mass flow rate, 1.62 mm
capillary inside diameter and (-5 "C) evaporating temperature keeping
the ambient temperature constant at 35 "C. The generated tube Ie'ngthﬁ
were compared with that of ASHRAE (which is 2.03 m) to check which

combination Is the best, the result is as presented in Table 3.4,

Table 3.3: Two-phase dynamic viscosities (Jung et al, 1959).

— )
S/N Author Equation .
1 McAdams u=(l-x)u, +xu, | J®

Table 3.4: Capillary lengths using various equations for friction and

viscosity.
S/N Friction Viscosity equations of:
Factors of McAdams | Duckier
Length (m) | % Deviation | Length {m) | % Deviation”
1 | Stoecker 2.139 5.37 2552 |  25.71
2 | Blausius 2.351 15.81 2.807 38.28
3 | Goldstein 2.391 17.78 2.391 17.78
4 Erth 2.674 36.06 3.917 92,95
5 Sami 3.762 36.10 | 4.010 97.54
6 | Pateetal 2.157 6.26 3.049 50.20
7 Hopkins 1.894 -6.70 2.180 7.39
2] Jung et al 2.612 28.67 3.118 53.60
9 | Present 2.068 1.87 2.122 4.53 '
work

" Deviation from ASHRAE length of 2.03 m.
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It can be seen that Duckler's equation for two-phasa viscosity
yichdeel Domwgen Bt L Wl of - MoAghanes’ eapatient. Feom Ui
comparison made in Table 3.4, it can be seen that the present model
yielded a length, which is closer to that of ASHRAE with only 1.87 %

deviation.

3.3.2 System Testing.
This section deals with the comparison of the results obtained
from the model with a theoretical system (ASHRAE, 2002) under some

predetermined conditions.

3.3.2.1 Evaluation of characteristic curves

The characteristic curve of vapour compression refrigeration systems
was defined as a plot between the inverse coefficient of performance
(1/COP) and inverse cooling capacity (1/Q,) of the system (Khan and
Zubair, 1999). Using the actual data of a simple vapour compression
system performance curve of the system is obtained. Fig. 3.10 shows
the characteristic curves of the model compared with that of an ideal
system (a theoretical system; ASRHAE, 2002} for varying condensing
Temperature (T;) and evaporating temperature of -5 °C, with the
ambient temperature kept constant at 35 "C. The nature of the curves
agree very well with the ones obtained in the literature. The Figure
suggested that, the higher the rate of heat absorption (Q), the higher

the coefficient of performance (COP). This agrees with the Carnot model,
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(which i1s the actual set standard), as Indicated in Fig. 3.10, working
within the same temperature limits. The curves indicated an average

deviation of 4 % above the theoretical values,

| =—M—Thoop{313}  —de—1/cop{208])

0.5 —
| == Ticop{303] = 1iopiZ08)
04 Veopi(313) —%—1lcopoidi13)
a 0.3
a
£
- 0.2
X —X
¥
0.075 0.0 00125 0015 8.0175 0.02
I
1idevap.

Fig. 3.10 Characteristic perfformance curves compared with
actual system

3.3.2.2 Evaluation of efficiency

In this comparison a refrigerating efficiency was defined by
equation (3.33), and was used to compare the efficiency of the model
and the actual system.

COP
= — s
N =Fp (3.33)

the result is as shown in Fig. 3.11, which indicates that the smaller the
refrigeration capacity the higher the efficiency. Alsc, as the capacity
reduced the theoretical and the model results agree more closely. This
indicated that a smaller refrigeration system would be more effective

than a bigger cne and justifies the argument of Jabardo, et af (2002) for

automobile air conditioning.
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3.3.2.3 Effect of subcooling and superheating

The superheating of refrigerant (after exiting from euapi-uratur
before entering compressor) may occur owing to the
(a) Heat gain in the line joining the evaporator and compressor
(b)Y The actual length of evaporator.
It was noted that the specific volume of refrigerant vapour is increased
as a result of superheating thus reducing the mass flow rate through the
compressor. While subcooling the refrigerant beyond the saturated state
after exiting the condenser and before entering the expansion valve
normally occurs owing to heat losses in the line joining the condenser
and the expansion valve. This is shown in Fig, 3.12, Since, the specific
refrigeration capacity increases by subcooling, it is expected that

subcooling increases the system performance.
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Fig. 3.12 P - H Curve for Degree of Subcooling and Superheating

The effect of superheating, subcooling and both subcooling and
superheating are shown in Fig.3.13. From Fig. 3.13, It is seen that
superheating degrades the performance of the system, while subcooling
improves the system COP. When equal degrees of subcooling and
superheating were considered, the performance degrades. This shows
that the effect of superheating has more influence on the system overall
performances. The relative effects of subcooling and superheating are
shown in Fig. 3.14, This suggests that superheating should be prevented
as much as possible, while subcoaling should be encouraged. This calls

for the optimization of the system; to allocate heat transfer areas
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appropriately between the two heat exchangers in order to minimize

superheating.
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3.3.2.4 Optimization

Optimization of the system now hinges on the heat exchangers
{both evaporator and condenser, in this case). This is influenced by
praoper selection of the external fluid capacitance rates and heat
exchanger sizes, The capacitance rate (C) for external fluid is given by
equation (3.34).

¢ =he, (3.34)

where:
Lo Capocibaniee talee (RW/IK)
m = mass rate of flow (kg/s)
tp = heat capacity at constant pressure (kl/kg K)
Heat exchanger's effectiveness (z) is a function of the effective

heat transfer area; this Is given by equation (3.35).

g e (3.35]

whera:
Q= is the rate of heat transfer In an exchanger {(W).
Qmax. = is the maximum possible rate of heat transfer in this exchanger
(W),
The determining factor (y = optimization factor) for the
optimization is the product of £ and C given in equation (3.36).
Yo giC (3.36)
The function “¢" of all the heat exchangers is an expensive

parameter. Increasing the size of the heat exchanger increases the
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overall performance of the system, and increases the system cost. Hence
a compromise is sought between the initial cost and system operating
cost.

In this case, we have two heat exchangers (condenser and
evaporator}. A heat exchanger inventory parameter k is defined by
equation {3.37), which is considered as the design constraint (Jung et &l
1999 and Jabardo et af 2002).

k=80 s+ EC) {3.37)

Where, k is the constant thermal inventory (kKW/K).

Now the problem of heat exchanger optimization Is to allocate the
total heat exchange area between the two heat exchangers so that
maximum performance of the system is obtained. This problem is solved
by using a model, which simulates closely the working of an an_:tual
vapour-compression system. To investigate the relative size of heat
exchangers, a factor “fiy", which Is the ratic of condenser effectiveness-
capacitance product to the sum of the effectiveness-capacitance rate
products for condenser and evaporator, Equation (3.38), as defined by

Klein, {1998) was used to study the variation in COP,

: {ECLW 3.38
"), +0) (3.38).

il

f

It has been established that the Carnot model and Ideal vapour

compression cycle show constant COP values for all values of "f" (Klein,
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1998, Jung et a/, 1999), because the irreversible losses due to the finite
rate af heat transfers are not present in these models.

Fig. 3.15 shows a set of sample curves, drawn between 1/COP and
fy for R22 using the output from the model, when Q. = 10 kW, T, = -5 'C
and T, =40 "C. It can be seen from these curves that as the heat
exchangers thermal inventory factor (k) is increased beyond 120 kW, the
COP reaches almost a constant value, which is the same as the COP of an
ideal system for the same input conditions. It has been pointed oul that
Carnot model and ideal cycle model show constant COP wvalues for al
values of f, because the irreversible losses due to the finite rate of heat
transfers are not present in their model (Khan and Zubair, 1859).

Fig. 3.16 shows the variation of f, with 1/Q. This Figure shows
that, the values of f, are higher for lower evaporator capacity, indicating
that a greater portion of the total heat exchanger area is to be allocated
to the condenser and vice-versa for higher evaporator capacity, Since the
curves are very close together irrespective of the values of condensing
temperature {T;), then the actual system is operating very close to

optimum for all values of condensing temperatures.
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CHAPTER FOUR
4.0 EXPERIMENTAL STUDIES, RESULDS AND DISCUSSIONS

The cbjective of this woark is to develop a property-dependent
thermodynamic model of vapour compression refrigeration systems,
which can simulate the performance of actual systems as closely as
possible: In this regard, analysis of an actual system s studied in detail
and a thermodynamic model developed and compared with a theoretical
system. Effects on system performance of such operational parameters
as compressor speed, circulating water temperature, evaporating and
condensing temperatures, degree of subcooling and superheating have
been theoretically evaluated and simulated by means of the developed
model. Model results deviated from the theoretical results within a + 0.6
% range.

The test data have been used to assess the quality -:jf. the
computer simulated results. The summary of the experimental and
simulated system performance results and their comparison is presented
along with an additional feature related to the effect of refrigerant
charge, which is of major concern to air-conditioning and refrigeration
systems manufacturers (Jabardo et al, 2002).

This section is based on the experimental validation of the
developed model. In this regard, experimental rnig was designed and

constructed based an the data generated from the developed design
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maodel, and some of the operational performances predicted by the model
were compared with the experimental results,
The diagram of the experimental rig Is as shown in Fig. 4.1, The

components of rig "a” and the main parameters are listed as follows:

i Cirenlinetd water in
Circulated water oo

t |

S

M=

l]ll:ptr

Condenscr

Conapressr

Capallaey fnkbs

Evaparaior

e

Circulaicd waler in

Cireulisicd water ol

Fig. 4.1 The schematic diagram of the experimental rig-
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1) Compressor: reciprocating type. Power 0.09325 kW,
Refrigerant R-12, with swept volume of 32.7 cm’.

2) Evaporator: Bare coll, immersed in water being cooled, pipe
Inner diameter 5.588 mm, outer diameter 6.3500 mm, tube
length 30.71 m, which yields equivalent of 0.09325 (kW) on
calculation.

3) Condenser: Bare coil, pipe inner diameter 5.588 mm, outer
diameter 6.3500 mm, and tube length 14.362 m, which yields
equivailent of 0.09325 (kW) on calculation.

4) Circulating Water: In order to change the load of the
evaporator, water was circulated at various flow rates.

The objectives of this experimental rig are to:

i test and check system and components performance;

i campare data for validation of the computer model;

il carry out performance evaluation of the refrigeration system;

while the experimental runs were intended to validate system operation
under steady state conditions.

The second experimental rig (rig "b"™) was built from bought out
components of vapour compression refrigeration system. This system is
af aseamibly of '0.08335 KW compressor and ‘equivaient condenser
(0.09325 kW), evaporator (0.09325 kW) and capiliary tube. Rigs *a" and
“b" are as shown in Plate 1

The performance of these systems (computer model, rig *a" and

rig "b") were evaluated based on the following parameters: Coeling load
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or rate of heat absorption (Q.); condensing load or rate of heat rejection
(Q:); Compressor power (P); Coefficient of performance (COP) and the
refrigeration elliciency {n). These parameleis were evaluated with the aid
of measured temperatures, pressures, and the steam table data in

conjunction with equations 4.1 to 4.5 suggested by Jabardo et a/ (2002).

{L-]l = .I'EI'I ['Ir'l-l- B hrl } {4' 1:'

'I:_jr :“'I"Ill:lr'ln _h.'l} {4'2}

P=iln, ) (4.3)

COP = 'L:; (4.4)
e

n= % (4.5)

J 2

where the subscripts are:

e . evaporator exit
ai = evaporator inlet
ce = condenser exit
ci - condenser inlet
e - compressor exit
cpi - compressor inlet
r - rafrigerant.

Since the two rigs (@8 and b) in question are of equal
capacity, It is assume:e:l that they should exhibit the same performance

under the conditions of operation. However, some variations may be
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envisaged as a result of difference in refrigerant charge and compressor
speed, these were effectively examined in the next two sections.

Since capillary tube was modelled in this work, it is required that
the system capacity should lie between 590 W and 50 kW as reported in
ASHRAE handbook (2002). The compressor capacity required could not
accommodate R22, which was used in the theoretical part of the model
development, because of its peculiar thermodynamic properties (high
humid wvolume). Hence, R12 (low humid volume) was used for the
experimental Investigations. The substitution was made possible by the
usage of conversion factors for R12, R12, R134a and R407c published
by: Kutter (1988); Wolf et af (1995); Wolf and Pate (2001) and Kuehl
and Goldschmidt (1991). The studies assume that the effect of
refrigerant is negligible. Further research may be needed in future to

ascertain this,

4.1 Effect of Charging
Since refrigerant cannot be charged into the model developed, it is
necessary to examine how the amount of the refrigerant charge affects
the performance of the experimental rigs. Generally, refrigerant charge
should lie within the range 750 g to 900 g inclusive as reported by Lee et
al (2000).
In order to evaluate the effect of the refrigerant charged, tests
were performed with an (nitial refrigerant charge of 1.1 kg . In

subseguent tests the refrigerant charged was reduced by removing 50 g



at a time, down to a minimum of 600 g, when a significant amount of
bubbles started to appear in the liquid line sight glass.

For this experiment the following parameters were used:
Evaporating temperature (T,) = -5 'C, Condensing temperature (T,) 40
%C Ambient temperature (T,) 35 °C and a constant compressor spead of

1750 rpm.

The axpovimental resulls ave sl wn Dip, A0 A ndicated 17 Ty,
4.2 {(and Figs. 4.2a and 4.2b), the refrigerating capacity (Q.) and the
coefficient of performance (COP), are not strongly affected over a wide
range of refrigerant charges. It can be seen that between 950 g and 700
g both Q. and COP are relatively constant for both experimental rigs, The
expected range of refrigeration charge falls within 950 g and 700 ~g-
Hence there is no fear of the influence of the refrigerant charge on the
result, Care must, however, be laken a. woell s reliigerant charge
lower than 700 g tend to reduce system COP. This effect is of course due
to the increase in the amount of vapour in the liguid being fed to the
expansion device. On the other hand, refrigerant charge higher than 950
g tends to promote flooding of the condenser. At constant ambient
temperature, the condensing pressure increases and so does the liquid
subcocling at the condenser exit. This results in a slight gain in {;he
refrigeration effect. The effect of subcooling and superheating will be
discussed latter. Fig. 4.3 shows that within the expected refrigerant
charge, the mass flow rate is relatively constant. This effect also will not

Tl e L s Lish rasult negalively.
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4.2 Effect of Compressor Speed

In this experiment, four compressors from the same maker, of
different speed but same capacity were used. The speeds of these
compressors were: 1500; 1750; 2000; and 2250 rpm The aim s to
investigate the effect of compressor spead on, refrigeration effect (Q.),
Coefficient of performance (COP) and the mass flow rate (). The
condensing and evaporating temperatures were kept constant at 40 'C
and 5 "C respectively.

The result of this investigation is as presented in Fig. 4.4,
According to Fig. 4.4 the refrigerating capacities Q..., Q. and Qg remain
constant over the whole range of speeds, so also the corrasponding mass
flow rate. As reported by Jabardo et af (2002), for systems with variable
capacity compressors, the running speed should be of no major concern
regarding the refrigerating capacity. In other words, the refrigeration
capacity should not vary with running speed. This result justifies Jabardo
et al's report., This is not so for the COPs which dinumishes with increase
in compressor speed as a result of the compression work increment. This
is also related to the rise in the discharge temperature associated with
the increment in the compression irreversibility with speed. It must be
noted also that the mass flow rate remain almost constant (Fig. 4.4), and
that it is independent of rotational speed, this in indicated in Fig. 4.3,
This situation justifies the performance of the wvariable capacity
compressor and Its abillity to accommodate different conditions of

operations.



Figs. 4.4a, 4.4b and 4.4c show that the resulis from the $II'I"IL!-EEI|ZEI.'.|
maodel compared very well with the experimental results. As indicated by
the above mentioned Figures, It can be seen that system rig "a”
performed better than rig "b", which justifies the initial argument that a
"halanced point” must be sought betweean the components of the system.
The deviation between the simulated data and the experimental data is
mostly within 3 %. This deviation is likely to be as 3 result of heat loss,

which is very difficult to be controlled.
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4.3 Effect of Circulating Water Temperature

In this test, the effect of changing the temperature of water
circulating around the evaporator was examined on the perfarmance of
the refrigerating system. In this experiment T; = 40 °C: T, = 5"Cand T,
= 35 °C while the temperature of the circulated water was varied
between 20 °C and 35 "C. The same experiment was repeated for the
condenser. The obtained results were recorded,

With a constant evaporating temperature, the refrigerating
capacity is directly related to the circulating water temperature. The
behaviour s clearly indicated in Fig. 4.5. It can be cbserved that as the
circulating water temperature (T.) Increases the compressor must
accommodate higher loads in order to keep constant the suction
pressure, This s accomplished by increasing the refrigerant flow rate
through the control device, this implication Is shown in Fig. 4.6. When T,
increases, there will automatically be an increase in the degree of
superheating. As a r?_sult, the rate at which the compression power (W)
increases is more than that of refrigerating capacity {Qe) (Fig. 4.5) hence
the COP reduces with m::mésing circulating water temperatures, T,
(Figs. 3.13, 3.14, and 4.5). This justifies the fact that the COP reduces
with increase in the degree of superheat.

It is interesting to note that the model predicted almost a linear
relationship for both Qe and COP with T, (Fig. 4.4) while the
experimental data justifies the same. The wvariation is due to heat loss,

which at present it Is almost impossible to prevent since there is ng -~
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perfect insulation of heat. On the other hand, the mass flow rate deviated
from linear characteristics most especially at lower circulating water
temperatures, T,. This might be related to the inability of the compressor
contral system to adequately accommuodate low thernmal loads.

Considering the results shown in Figs. 4.5 and 4.6, deviations
between the simulated results and the expernimental results are a
maximum of 16 %, for mass flow rate and 18% for COP wvalues. In
conclusion, the simulated results predicted system perfarmance with
reasonable accuracy for T. within a typical range from 20 °C to 35 "C.
4.4 Effect of Condenser Inlet Water Temperature

The experiment inisection 4,3 was repeated for varying inlet water
temparatu'r'es circulating argund the condenser, the effect was recorded
and compared with the theoretical results.

In this result, the evaporating pressure (P.) was relatively constant
while the condensing pressure (P.} increases with the circulating water
temperature (Fig. 4. Fa). As shown in Fig. 4.7, the refrigerating cai-:nac:t-,r
(Q.) I8 not significantly affected by the condensing inlet water
temperature, except for rig "b”, which slhﬂwe. great anomalies, which may
be due to the fact that the major components are not working on the
same balanced points. This shows that the variation in the atmospheric
temperature has a significant negative effect on the system; if the
balancing point is not sought. But if the components are working on a

common balancing point, the effect of variation in the atmospheric

71



conditions will not have significant effect, This i1s possible due to a slight
reduction in the refrigerating effect that compensates for the increment
in refrigerant mass flow rate (Fig. 4.8). As a result of increase in P, the
compression work also increases and so also the mass flow rate and this
led to a reduction in the COP.

From thermodynamics points of view, since an increment in
T, widens tha difference between the condensing and evaparating
temperatures (T; and T, respectively) hence there should be a reduction

in the cycle COP. This is justified by both the model and the experimental

rigs.
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AS  Influence of Charge loses on Peslormani o

Undercharging may occur atter commissioning due Lo leakages or
even from repeated maintenance practices such as ol changes. Likewise,
small amounts are lost when systems are gpened for service even after
evacuation. Awareness of the possibility of leakage and performance
penalty from charge loss may suggest deliberate overcharging to
compensate for potential leaks.

The effects of overcharging and undercharging which may result
from refrigerant l|eakage were therefore investigated. In this
expernimeants, expenimental rigs were charged to 1.4 times their usual
optimal capacity of B50 g of refrigerant. The charge cannot exceed this
because owercharging results in carryover of refrigerant from the
evaporator. and risk compressor damage (Calm, 2002).

Fig. 4.9 shows the sensitivity of Coefficient of Performance (COP)
to variations in charge values. Performance sensitivity to charge Is
primarily as a result of heat transfer effects and specifically evaporator
starvatioc3n.

Fig: 4.9 shows that the three systems agreed well during
undercharging. Nevertheless, rig "b" shows the greatest discrepancy. It is
expected  that :Elt the optimal COP the three systems will indicate a
relative performance of unity (1.0). At this paint, however only the model
gives the expected value while rig "a" gives a value of 0.994 {about &6

%) difference.
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This may be attributed to heat losses since the rig could not be
isolated from the immediate envircnment and also to the level of
accuracy of the measuring instruments used. [n the case of rig "b” a
value of 0.986 (about 1.4 % difference relative to the simulation model
and 0.81 % relative to rig “a". These figures show that the relative
performance of rig ™a” is about 2.3 times that of rig “b". Since the
experimants were performed under the same conditions and the same
instruments were used in the measurements, this discrepancy may be
attributed to the EffEE:t of reaching a balanced point for the system

compaonents. This effect is also strongly pronounced an the over-charging
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side of the curve, it could be seen that, the performance of rig “b”
deviated widely from the normal as predicted by the simulation model,

Fig. 4.9 further shows that between the charge fractions of 0.8 and
1.2, rig "a"” and the simulation model approached each other closely.
Even at both under- and over-charging conditions both the simulation
model and rig “a" followed the same pattern. This shows that the
simulation model can be used for the optimal design of refrigeration
systems.,

The refrigerant was then withdrawn into an empty "can” placed on
a balance via a valve. The mass of the can was increased by 85 g and the
valve closed. The system was then left to run for about 15 to 20 minutes
before the evaporator and condenser temperatures were taken. This
process was repeated until a charge of about 0.4 times the optimal
charge remains in the rigs. The charge could not be withdrawn below this
level because the evaporator was already starved and If further reduced,

the compressor could be damaged (Lee &t a/, 200G},

4.6 Effect of Subcooling and Superheating
This investigation was divided into three sections,
fa) Effect of Subcooling
(b)  Effect of Superheating

{c) Combined Effects of Subcooling and Superheating.

T



The methodology and results of experimental investigation of the
effects of subcooling and superheating on COP, ()., Q. and n are

discussed below:

4.6.1 Effect of Subcooling

Subcooling of the liquid refrigerant in the condenser is a normal
occurrence and serves the desirable function of ensuring that 100 %
liquid will enter the expansion device,

In this experimental investigation, the refrigerant pressure at the
exit of condenser was adjusted to, and kept at, the saturation pressure
(961 kPa) corresponding to the condensing temperature of 40 *C, The
flow rate of the circulating water was increased in order to vary the
degree of subcooling. The circulating water temperature used was vaned
between 20 °C to 35 "C to facilitate different degrees of subcoocling. The
rigs were left to run for 30 minutes so that a steady condensing
temperature could be measured. The following parameters wera_thEn
measured: Condenser temperature, inlet and outlet temperatures of
circulating water and the rate of flow of the circulating water. Steam
table published by Stoecker and Jones (1982) was used to determine the
flow rate and eguations 4.1 to 4.5 were used to determine Q. Q. COP,
and the efficlency. The evaporator temperature and pressure were kept

constant at -5 °C and 261 kPa respectively.

As predicted by the model, a linear relationship exists between the

degree of subcooling and the refrigeration capacity. This is abwvious from



the p-h diagram (Fig. 4.10), which shows an increase of refrigerating
effect from point 5 to 6 for subcooling from point 3 to 4, As shown in Fig.
4.11, rig "a" also exhibits the same linear relationship except when the
degree of subcoohing is low, This justifies the reparts of Chen et al,
{1990) and Wijaya, (1992), that evaporator capacily "hunts” (fluctuates)
at low degree of subcooling, especially between 0.5 "C and 2.5 "C. Rig
"b" does not exhibit @ good linear relationship because of imbalance
between the major components,

It could be observed also that Q. generally increases with degree
of subcooling. This is as a result of increasing mass flow rate (Fig. 4.12)
and therefore the compression work. On the other hand the liguid
temperature reduction, which causes a slight gain In the refngerating
effect (Figs. 4.10 and 4.11), also leads to a slight increase in COP (Fig.
4,13) until the point when the degree of subcooling is about 7 °C; after
which there is a sudden increase, This is caused by increasea in mass flow
rate. The COP predicted by the model approached that of Carnot closely
when the condensing temperature approaches Lhe ambient and the
resulting COP is almost constant (Fig. 4.13)

Both Q. and Q. exhibit same relationship with degree of subcooling
(Figs. 4.11 and 4.15) except for the fact that heat rejection Q. i1s more
than heat absorbed Q. This is due to the fact that water is circulated

arcund the condenser to subcool the refrigerant so more heat s

removed.

[k



Refrigerating Capacity (KW)

S— —
h

Fig. 4.10 p - h diagram for subcooling without superheating

100

a0

&

] F 3 4 L5 B T B8 g a1 12
Degree of Subcooling | %)

Fig. 4.11 Variation of Refrigerating Capacity with Degree of
Subcooling

—



Mass Flow Rate (g/s)

Cop

i

1.8
1.7
186
1.5
1.4
L
1.3 - .
0 2 4 [+ a 140 12 14
Degree of Subcooling [ C)
Fig. 4.12 Variation of Mass Flow Rate with Degree of
Subecooling
ar o — 1
—a— COPD —w—COPg [
B

e 3 4 5 G T & g 10
Degree of Subcooling | %)

L

Fig. 4.13 Variation of COP with Degree of Subcooling

B

Lh



P [I:Fa?

T

h (kdkg kj

Fig. 4.14 P = h Curve for Degree of Superheating

As compared with Carnot cycle, efficiency decreased with increase
in the degree of subcooling. (Figs. 4.15 and 4.16). This Is due to the fact
that COPramet increases more rapidly with degree of subcooling than COP,
and COPy (Fig. 4.13)./This is possible because in the Carnct cycle there is

na irreversible losses,

Fher vartation aof COP aul eMiciency with condensing temperature

and degree of subcooling is as summarized In Fig. 4.17.
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4.6.2 Effect ;f Superheating |

5uperheating_ qflvapuu,r usually ecturs in the evaporator and is
recommended as a prevention aganst droplets of liquid being carried
wér into the compressor. In this investigation, the r'EFrrgErant pressure
at the exit of euépqr:atplj.was adjusted to, and kept at,' the saturation
pre55urél {25;1 RF’aJ_mrresﬁundlng to the E-.-'Bpﬂratfng temperature of -5
“C. The flow rate of the circulating water was varied in order to vary the
degree of superheating., The circulating water te:mperature used was
varied between Iﬂl °C to 35:°C to facilitate different d;egrees of
superhéatjng. The rigs were left to run for 30 minutes so that a steady

evaporating temperature could be measured, The same process of
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section 4.56.1 was then followed In the measurement of the parameters
and the estimations of Q. Q. COP, and the efficiency. The condenser
temperature and pressure were kept constant at 40 °C and 961 kPa
respectively.

As the degree of superheating increases, refrigerating effect
decreases Fig, 4.18. This is easily explained from mass flow rate point of
view. As the degree of superheat increases, the rate -t which the
refrigerant in the evaporator flashes into gas increases. This thereby
increases the volume of gas in the evaporator, since the condensing
temperature is kept constant, thus resulting into a decrease in the mass
flow rate.

Normally, if saturated refrigerant leaves the evaporator it will be
superheated at the end of the compression process (Fig, 4,10). Hence if
the refrigerant leaving the Evaparatn.r is ﬁupe_rheate::i,_ then the degree of
superheat at the end of compression plr.‘ﬂce.s_a Is increased. This means
that more heat transfelr éreall will be requi_red for the condenser for an
effective rejection of.the heat EleIDrf.:JE‘EI.bY _1:_he refrigerant. Since the heat

transfer area is fixed in this case, the_ rate of heat rejection decreases

with the Increase in the degree of superheat. This Is as shown In Fig.

4.19.

L = ik :
Generally, the rigs show almost the same pattern for both

refrigerating effect and rate of heat rejection, (Figs 4.18 and 4.19). As
could be expected, ‘the rate of heat rejection is higher than the

refrlgeratlﬂn effect.
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Also, from Figs 4.18 and 4.19, it can be seen that the
characteristic curves of rig a is closer to that of the model than that of
rig. b On the average, the parametric values of rigs a and b are 16.89 %
and 35.13 % respectively below that of model.

The fluctuations observed in Figs. 4.18 and 4.19 between 1 °C and
3 °C of superheat can be justified by the works of many researchers, who
have reported generally that evaporators show some degree of hunting
(oscillations) with respect to refrigeration capacity in the early part of
superheat between 1 °C and 4 °C (Mithraratne and Wijeysundera (2001},
Wedekind, (1971); Ibrahim, (2001; Wijeysundera et al, (2000). The
effect was much more pronounced in rig b than in rig a, this shows the
effect of balancing the system components.

In Fig, 4.20, the efficiencies of the model and the rigs show similar
trend, except for the fact that the values of rig a are closer to that of the
maodel than that of rig b.

From Figs. 4.18 to 4.21, it was observed that as the degree of
superheat increases the mass flow rate decreases and so also all the
other parameters. It is worth noting that rig a always fell between the
madel and the rig b, This justifies the fact that balancing point Is very
important. Since the characteristic curves ishow the same trend or
pattern, it means that the model 15 verified. The discrepancy noted
between “rig a"” and the model might be due to heat loss which could
not be controlled and the defect or deficiency of the measuring

Instruments.
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4.7 Comparison with other Empirical Equations

In Fig. 4.22 the present model was compared with several models
and equations found in the literature. Generated values from the present
work are compared with those of the ASHRAE design equation {1998),
the empirical equation proposed by Kuehl and Goldschmidt (1990, 1921),
Jung et al's equation (1999), Chen et al's equation (2000) and the Kim et
al’s equation (2002):
where:

my ASHRAE design equation (1998)

mz  Kuehl and Goldschmidt's empirical equation {1990)

m3  Kuehl and Goldschmidt's model (1951)

mes Chen et al's equation (2000}

ms Jung et al's equation (1999)

Mg Kim et al's equation (2002)

my  Present work (2003)

It could be observed that the present model compares favourably
with the ASHRAE design equation, especially within, the condensing
temperature range of 30 °C to 45 °C. This temperature range falls within
the prevailing atmospheric condition in this country. Also it is within the
condensing temperature found in the literature,

For clarity Fig. 4.23 was plotted for my, my and m;. This

comparison was based on -5 °C evaporating temperature, the
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condensing temperature was varied while the mass flow rate was

generated,

1

-
=

=}

—#—ml —d—mZ —M—ml ==

Mass flow rate {higs)

E | —=m5 —4—m§ —m7

15 20 25 30 as 40 45 50 5 &0
Condensing Tempearture | %]

Fig. 4.22 Comparison with other equations | o’

18 ;
15 1
14
13
12
11
10

Masa flow rate [kg's)

@ = @ W

i 15 20 25 30 35 40 45 S0 55 60
|
I Condensing Temperalure | L)

| Fig, 4.23 Comparison with other equations

L]



CHAPTER FIVE

S0 CONCLUSIONS AND SUGGESTIONS FOR FURTHER WORK

5.1 CONCLUSIONS

The overall refrigeration system performance is strongly influence:
by the agreement between the major components and operations
parameters such as: ambient-, condensing-, evaporating- temperature:
and mass How rate. A design inodel was developed In this work Lo striki
a balanced point between these major components based on the
aperational parameters. Tests with the model, as the experimenta
bench, in the present study has been planned in such a way to allew fo
the evaluation of the effect of the operational parameters on systen
performance of two separate systems, termed rig "a” and rig "b".

In addition, test data have been used to assess the guality of the
computer simulation results. The simulated and the experimenta
performance results were compared together with some additiona
features related to the effect of the refrigerant charge, which is of majoi
concern to refrigeration system manufacturers, effects of overcharging
and leakages, The results obtained from the experimental investigations
justify adeguately the developed design model.

From the experimental Investigations the Ffollowing genera

remarks can be made:



i, COP is always affected negatively by increment of some particular
parameters, such as, degree of superheating, compressor speed,
ambient temperature and sudden change in the environmental
conditions around the evaporator. In the case of the refrigerant
charge, the effect Is only significant under overcharged conditions.,

ii. The COP is always affected positively by increase in flow rate and
degree of subcooling.

lii.  Refrigerating effect, mass flow rate and COP vary almost linearly
with condensing and evaporating temperatures and compressor
speed. There is a deviation from this linear behaviour at low
refrigerating capacity (when the evaporator is starved, resulting
into baoiling of the refrigerant) and at owvercharging conditions
{causing flooding of the evaparator),

iv. Condensing temperature improves slightly the mass flow rate,
refrigerating capacity and COP, an opposite effect to that observed
with the evaporating temperatura.

v. The effects of superheating and subcooling on the performance of
the system Indicated that the superheating has more negative

influence on the COP of the system.

Present analysis and experimental investigations hawve shown that
model results are comparable to the experimental ones. Table 6.1 shows
the deviations of model results from those obtained in experiments under

the same operational conditions. Maximum absolute deviations are within
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the range of 16 % to 19 % for rig "a" and 28 % to 34 % for rig "b"

respectively as compared with the model results.

Table 6.1 Deviations of experimental results froimm those obtained from

the modeal

Effects

Deviations t%}

'Rig a Rig b
Qe cop Qe "~ Cop
max. min |max |min [ max |min max | min.
Compressor speed | -3.5 2.3 1.4 s |47 |-30 38 116
Circulating water | 16 12 14 10 |20 16 16 |12
temperature ;
Superheating 16,89 12,74 | 1675 15-5! 35.1 |30.55 |33.5/295
3
Influence of | 0.8 0.2 [06& |01 [20 |[1i.4 1.4 [1.2
charge loss
Subcooling 5.89 2.72 |1.1 |1.05|21.1 |16.55 |3.32|2.50
3
Subcooling  and 1.5 [1.25 3.56 | 2.32
superheating




5.2 SUGGESTIONS FOR FURTHER WORK
A full performance evaluation of the system is required based or
individual component. Each component should be fully eguipped with
modern measuring instruments.
More work is required on the capillary tube, Various sizes (length anc
diameter) should be used to verify the adequacy of capillary tubs
performance.
Evaporator exhibits lots of hunting at any slight change in botl
iternal and external corilitins. The cowsedsy of Les Deiliog Fegui e
investigation.
Performance of the system is required using alternative refrigerants.

Experimental investigation of Evaporator time constant Is required.
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Lt Appendix 1
== A Enndnn:mn and Cﬂl‘l‘lp-lﬂ'hE Units

function ak1ntundec{actinn}
#global . T1 T2 tol Ta ™m Tw count Qe P Qc COP
.Tl-evalEgEtEF1nduh1( tag Ly g 'string g
TZ=aval(get flﬂdﬂh;{ ta *12'), "string’
tol=Tindobj{’t 1 TOL"
tol=eval (get(tal, 5tr1ng }} %tuTerancE
Ta-gya1Eget{F1ndthE tag'.‘TA 5tr1ng gg i ambient temp
Tm=eval Eet(F1ndub] tag ,TM'),'String”
TsFindobjl " ta
Tw:eva1{g9t{Tw%1], Strin "1} BWarer Temperature
c=[137.402, 4.60437, 0.061652, -1.118157, -0.001525,...
=0, 0139119 -0.00040148, -0.00026682,0.000003873];
d=[1.00618, -0. E?SEEE -0, 01425. 0.870024, -0.0063397,...
0. DEHESE =0. HDDEHE?S -0, 00014746, 0. 0000067967 ] ;

count =1:

)% condensing temp

5w1tch action
case, 'calculate’ % complete umt
for k=T1: .1 Tin;
T21=0; ]
while ahs{TEl -T2)>= taol
Qewc (14212 kec {3 kA2 c (AT F T2+ {0 T2A 4. .
:(ﬁ}*k*Tz+:(?J*kAE*T2+cfﬂ]*k*TEﬂE+c{9}*kﬂE*T2ﬁ2:
P=d (1)4d (2} *ked (3} kA2 +d (4" T2ed (5 *T2A24. . .
(B kET24d (7T *kAZ5T24d (B *k*T2A2+d (D) *kAZET2A2 ;
Qe=0a+P;
T2=0Qc/9.39+Ta;
COP=Qe,/P;
end
112 {count)=T2;QE {count)=0¢; TT{count )=k ; Cop(count)=C0OP;
QC{count)=0c;p{count }=F;
CoOUnt=Ccount+1;
and
fid=fopen{'condensingunit.txt’, 'w');
nut %rr TT2; p; Cop; QE; acl;
1ndnhﬂ tag Sta11gText2’];
thE Findobi('t ? ‘staticText3d’);
setlohj, v151h1e fon') p
sat{ob’ 2, visible' . aff")

case 'complete' ¥ complete umit
for ksT1:-1:Tm;
Ti1=0;
while abs{T21-T2)>= tal
Qenc(1)+c{2)*h+c (I kAZecA) * T2+ (5)*T2A2+ . .
c(6) *k*T24c (7)™ 2*T2+E{E}“k*TEh2+££9}*hHE*TEﬁE
Pad(1)+d(2) tk+d (3D *kAZ+d (A *T2+d(3) " T2A2+
d(E}*k“T2+d{?}*kh2*T2+de}‘k*T2ﬁ3+d{9}*kﬂl*TlhE
QC=0e4+P
a=ﬂ.ﬂﬂﬁ;
b=-(2%0. 046 Tw+1) ;
C=a TwA2+Tw=-0e/6;
Th=(-b-sgqreibsz-a*a*c))/(2° aj:
k=Th;
EDF‘—E}E;"F‘.
T21=T2;
Ti=Qc;/9.39+Ta;
end

Lo 105

); % maximum evaporating temp

(% minimum evaporating temp



TT2(count}=T2; 0E(Countyee; TT{Count ) =Th pCop count)=COP;
ge{count }=0c ; pleount)=P,
count=count+l;
end
Fid=Fopen( 'completeunit.ext’, 'w")};
out=[TT; T¥2; p; Cop; QE; QC;Tl:-1:Tm];
obj=Tindobj('tag", "staticTextd");
obj2=Ffindobj('tag", 'StaticTextd');
set{ob}, 'visible" "off")
setiobid, "visible', "on")

end .
j=size(QE) ;i=3(2};

for drtid %6.4F %6.4F\R", . .
i id, '%6.4F %6.4F %6.4F %6 4T %647
f"r4$5E§%po{j}.rchj. Cop(33,QECT) QeI ;
Felose(Fid)
folose(fid) i ; -
d:f?ﬂdﬁbj{'tag'1'L15thﬂﬂ} 33
%d=d[2}éﬁtr{ﬂUt']'

= m 1
g:i[g":'ﬂr‘rng‘ ,num2strioutl)

[ 4R



Appendix II

Condenser and Evaporator

function condenser{action)
T1=Eua1(gatEffndahjE-tag1r
T2=eval (get{findob]{'tag",

'String'}); % maximum evaporating tem
‘string')) ;% condensing temp

‘string')) ;% condensing ‘temp

e
qc=eua1fge;{FTndahaE'tag'.:gg:g:'String'jj: * maximum evaporating tem
‘1B,

Qe=eval(get{findobj{ "tag',
Ip=eval {get{findob E'tag'.
Du:Eval{getEFﬂnddﬁl
Ta=eval (get
%=(00D-1I0)/2;E=Qc/Qe;

switch action
case "condense’

'SEring'l) s & max¥mum evaporating tem
i “tag','on’'), 'string')) % condensing temp
findobj('tag’,'Ta’),'String*)); % maximum evaporating tem

rho=1109; k=0.674: mu=0.00216; E:H.EQE: c=390: ff=0.00176:

h1=EDﬂ:1.1?2°T2+ﬂﬂﬂﬂ1354“TlﬂE:h
hg=hd-h1;

DT=T2-Ta;
hcl=0.725*(g*rhor2*hg*kA3)A(L/4) ;
he2=(3*mu*DT*00dA{ 1/ 47} s he=hc 1/ he
AC=p1"00A2/4: Alspi®IDAZ/4;AM={AD+AL)/2;
R=x/C*AD/SaM;
fd=1/hc+R+{QD/ID) *{ Ff+1/5910) ; fd=1/Fd;
kk=log{ (T2+3-Tal) (T2-Ta)l;

Imtd={ {T2+3-Ta) /(T2-Tal))  kk;
A=Qc*E*1000/ (Fd* Tmtd) ;

Tent=a/{pi*00};

out=[A, lent];

numZstriout’};

case "evaporate'

405,540, 3636-0.002273*T2A2;

rho=1209; k=0.0902; mu=0.30185; g=9.806; c=390;Tf=0.00176;
hl-?ﬂﬂ—l.l?E“Tlrﬂ.GQIESJ“TlﬁE1h2=4DE-3+ﬁ.3ﬁ3E-D.Dﬂ22?3*T1ﬂE:

hg=h2-h1;

DT=8;

hel=0.725%(g*rhosa2*hg*kA3)A(1/4) ;
he2={3*mu=DT*0D)A(1/4) ;he=hcl/hel;
AC=pi*00DA2 /4 AT=pd YI0A2 4 AM= (ACHAT Y 2 ;
R=x/C*AQ/AM;

Fd=1/hc+R+(0OD/IDY *(FFf+1/5910) ; fd=1/fd;
kk=log((T1+20) /({T1+25));

Tmtd=abs (C{TI+200={TL1+253 0/ kk) ;

A= * 1000/ CFd" Imtd) ;

Tent=a/ {pi*0D);

out=[a, lent];

numZstriout');

end .
set{findubj{'tag'.'AREA'].‘str1ng'.num25tr(A}};
d=findobj{ tag', 'LEN');

set(d(2), ‘string',num2str{lent));
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Appendix I1I

 capillary Tube -

% function capi11ag§
Tl=eval (get{findobj(
T2=eval{get{findobj(
u-eva1[get(findnhj%'

% Ti=inputl'enter Tl'g

% T2=input('enter T2'

% D=input{'enter Diameter')

"tag','T1'),'string’ g; % maximum evaporating temp
tag'I'TE'}i‘S;r1ng' % condensing
tag','n'), "string')):% condensing

T3=T2:Td=T1;w=0,01;
Lnﬂ:A-pi“Dﬂ2f4]¥=ﬁiﬁﬁwfﬁ:l=l;
fid=fopen('capillary.txt', 'w’);
¥  fprintf(fid,
P=1000*exp(15.06-(2418.4/(T2+273.15))) ;% Pressure
VE=(0.777+0.002062*T2+0.00001608*T2A2} /1000 % specific Volume Liguid
VG=( -4, 26+94050%(T2+273.15),/7)/1000;% Specific volume gas
HF=200+1, 1727240, 001854*T2A2 %enthalpy Liguid
HG=405.5+0.3636*T2-0.002273"T2AZ2 %enthalpy gas
ME=0, 0002367 -1.715e-6T2+8, B69e-97T2A2 ;% Friction, Liquid
MG=11.945e-6+50. 06e-9*T2+0, 256e-9*T2A2;% Friction Gas
V=R"WEE valooity
Re=v*D/ (MF*vF);%Reynold’s Number
mil=MF® [ 1-y] +yTMG;
H=HF*{1-v)+y*HG:% Enthalpy of Mixture
F=0.33/ReAl.25:% Friction Factor, Mixture
VEsVE: Hf=HF : h=H:v=y: f=F:p=P;DL=0; Hg=HG; %swap values
t2(13=T2:PP{I)}=P/1000;vw({I)=v;d1 (I}=DL ;LI{I)}=L ¥ (I}=y;
for Té=Ti-1:-11T1
P=1000"exp(15.06- (2418 .4/ (T2+273.15)1);
HFH{U.???+G.GDEDEE*TE+H.ﬂUﬂﬂlEDﬂ*TEHE}flﬂﬂD:
ve={-4,26+94050*(T2+273.15)/P)/1000;
HF=200+1.172#T2+0. 001854%T2AL;
HG=405 . 5+0, 3636%T2-0.002273°T2A2;
MF=0, 0002367 -1.715e-6"T2+8.869e-97T2A2;
MG=11.9452-6+50.06e-9*T2+0.256e-9"T2A2;

E=1G W

a=0, 5*{(VG-VF)IA2°GAZ;

h=1000% (HG-HF) +VE* (VG-VF) *GA2;
c=1000% (HF-h)+0.5"GAZ*VFA2-0. 5% vAd;

ym(-b+sgre(ba2-4va*e)) /(2%a);
miu=wF*(1-y)}+y*VG;
¥v=GrVF ;% Valocity

V=ERmTu g

M=MF* { 1-y)+y*MG;
Y= S 2

Re=VyM*D/ (MEmiu] ;
HeHF*{1=%14+¥*HG;

I=vfr {1-y)+yTVG;]
F=0.33/Rer D25;
FM=(F+F)/2;
J=p-P-G*(V-¥]) ;
XOL=2%17D/ (YM*FM*GAZ) ;
DL=2*3*0 (VMY FM™ G

L=L+DOL* L0
yF=vE : HfeHF : h=H;v=V; f=F ; p=P [ HG=HG;
I=I+1;
£ 2 (11oT2: PPCT =R/ 1000; W i1)=v:d1 (D)=DL;LI(D=L ¥ {(1)=Y;
end
out=[t2;PP;¥;vv;d1;LI]";
format long €;
3E-uytf2:end,:}i )
—findobi('tag','Listboxl'];
set{d, 'string" ,num2strigyl);
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Appenuis IV

function fig = aakintundel()
Toad aakintundel

ho = figure(’ color',[0.8 0.8 0.8],
'Colormap’ wmatl,.. ..
F11eﬂame b 014 EMATLAHnllxwurkxnah1ntundel T
'HenuEar , nong S EW
'Name" " REF- Eﬂﬂﬂ' o
‘NumberTitie’ ; "off’,
PaperFﬂs1tlun .LIE lEﬂ 5760 432],
FaperUn1t5 paints
‘Pu51t1un .{336 155 431 EEE]
Tag', F1g2 ; s
"ToolBar', ‘nune']:
hl = u1cnntru1{ Parent' hi,
‘units', 'points’,
‘Back uundCu1ur .[ﬂ 757941176470588 0.752941176470588 0.752941176470588] ,
"List hTDD B e
"Position .[41 25 30.75 258.75 113.251, ...
5ty1e "Frame"
"Tag', Framel'}
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#!CONDENSING AND COMPLETE UINITS

Condensing Ambisnt E vaporating
Temperature Temperature Temperature.
(Celeius) [Celcius) [Celcius)
40 25 10~
71 T2 P COP QE
) 4179454 © 2771371 4690484 1299507
9  41.34261 2742791 4594891 126.0283
8 4089662 2714262 4495444 1221267
§ 4045727 26.85BE3 44045993 118.2877
6 4002445 2656876 430998 1145108
5 395917 262779 421643 1107989
4 3917844 2598237 4123355 107.1526
3 3876527 2568294 4032755 103.573
2 38358E3 2537683 3943017 100.0813
1 37.95871 25 0637 385492 9661856
0 3756535 2474264 3 TEBE3S 93 245499
- 37 178R5 24 4178 TRALTA A9 944R5

Compuitaional
Tolerance

Mirarnurn
Evaporating.
Temperature

[Celcius]

Load
Temperature
(Celcius)

00 10

QC

157.7045
153.4562 5
149.2653
1451433
141.0756

137.0768
133.1356
12325958
125.4381

1216823
1179556

114 37/5 li
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<« |CONDENSING AND COMPLETE UNITS

Condensing Ambient
Temperature Temperature
[Celciuz) [Celcius)
40 35
T T2 P
BZ15047. 49597575 315802
8218038 4997576 31.58027
B.215044 43975/5 3158027
8.215001 435975681 31.5802%
B.214993 49597561 31.55024
B.214936 4997561  31.58024
8.214934 4997582 31.58024
B‘ 214991 4997582  31.58024
8.214983 4997582 31.58024
a2 "T 498 :i 49.97583 31.58024
B218033 4397577 31.58026
H ?1 Al :'.-d 49 9757k 31 BROPE

Evaparating Computaional Miniraum Laad
T emper ature T olerance Evaporahing T emperature
(Celcius)] Temperature [Celcius)
[Eelcnz]
5 00007 2 10 o
COP Qe oc Temp
3452852 9.0 1406223 5
3452856 109.0421 1406224 4 =
34526804 109.042 1406223 3
3452873 1090426 - 1406228 2
31452874 1090426 1406229 1 _
3452875 10904268 1408229 0 s st oy v 1
J452877  109.0427 1406229 q Complete Unit
J.452878 109.0427 1406229 -2
3452879 109.0427 140623 3
145288 1090428 140623 4
J4E2ERS 1090422 1406224 5
TARDERS  1NGN42?  14NEIA s




[Square beter)

67.1607

- AEF-2004 EVAPDRATDOR AND CONDENSER ESTIMATOR M[=1E3
Condensing Arnbient E vaporating .
T emperatiure Tempaiatuie T bt Fate of Heat
(Celcius) (Colciies) o Absorbtion Os (kK]
‘ 40 | 35 l 5 | B
Internal Diameter  Euternal Diameter Fate of Heat
of Tube [meter) of Tube (meter] . Rejection Qc (KW
| 0.0016 I 0.0018 | 85
Evaporator ‘
Heat Transfer Area Required T ube

Length (millimeter)

11876.6205

114



-# REF-2004

Condenzing . Ambiernt - Evaporatig d s
- Temperature Temparature = - T, bre Flate of Heat
[Celcius) [Celciuz) Cheme | Absorbtion Qe (RW)
] 40 | 25 ] 10 | a
Internal Ciameter | Eoteimal Diameters B of HWaat!
of Tube [meter) of Tube [meter) Rejaction Qe (kK]
| 00016 'I 0.0018 1 85

Condenser l

Heat Transzfer frea = -
! quired Tube
(Square Meter] Lerath fmillimetet]

41.7986 7391.6087

FVAPODRATODR AND CONDENSER ESTIMATOR =] E3{|




Condensing s Evaporating . ol :
Temperature  diameter of tube Temperature \ -;%’ ,/(
[Cebzius] [meeter) [Celciuz) \-’i -h'"'i{r v
0 EE [ o s
Capillary Tube |
T2 F ¥ ¥ dl k:
12 71971099 017943714 31.54076 00022689646 20350543 :I
11 B3854E88 01845631056 33196548 00010995005 20460793
10 B77.8622 01835417 34918663 000098197931  2.0555991
3 65764388 (019446867 36.709595 000087354704 20646346
8 B3790206 019931132 38571906 D.00077343655 2072363
¢ B1861413 020406883 40508233 000068095718 20791785
E 59377663 0.2087402 42521279 000059548588 20851334
5 B81.33358 021332417 44613016 0.00051645957 2090238
4 56342787 02178193 46788678 00004433685 2094717
3 54590267 022222391 49048757 000037575043 20384592
2 528801 022653605 51 396998 000031318563 2101621
1 S1211637 023075357 53.836391 0.00025529288 2104174
0 43584168 023487402 56369964 000020172419 21061912
-1 473537021 02388947 59000773 000015216308 21077128
-2 4b4.43533 (024281264 ©1.731891 0.00010632057 2108776
-3 44341032 024662457 64566397 63932735005 21094154 li
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